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Abstract

The present contribution illustrates different aspects of designing and calculation of vibration control com-
ponents within windmills. The necessity for vibration control and acoustics is motivated and different,
widely used design solutions are presented. Typical engineering approaches are explained that allows to
develop rubber-based, elastic components. Furthermore questions of rubber life-time are discussed and
in-field experiments w.r.t. dynamical analysis of power generation components are illustrated.
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1. Introduction

Vibrations and noise represent an important technical topic for modern windmills. Legal requirements, eco-
logical aspects or technical issues such as durability require a detailed estimation, evaluation and partially
reduction of occurring excitations and vibrations, e. g. along the power train. For this reason so-called
Rubber-To-Metal parts (RTMs) are widely used in windmills. In particular, elastomeric couplings and rub-
ber-based mountings can be found along the power train — especially within so-called non-direct windmills,
i.e. windmills with gear-box - in order to decouple different excitations and to reduce vibrations and sound
emissions. By considering non-direct windmills RTMs can be classified as follows, cf., Figure 1:

a. Control box mountings:  control units contain various, sensitive electrical devices, which may fail
under the continuous appearance of vibrations or singular impacts (e.g. in case of emergency stop).
For this reason elastic mounts are used to decouple such components, e.g. pitch control units, from
the exciting structure.

b. Couplings: Elastomeric couplings are used along the power train in order to correct spatial displace-
ments, which follow from manufacturing tolerances or thermal expansion. Such displacements would
result in constraint forces, which may cause accelerated failure of power train components. Further-
more couplings reduce and damp the amplitudes of torque shocks and reduce the transmission of
structure borne noise. For a detailed explanation we refer to the corresponding DIN Standard, [1].

c. Gear box mountings: Obviously these components are only relevant for non-direct windmills and
act as a torque support. Such mounts are confronted with the following trade-off: On the one hand
side considerable torques and torques variations must be stabilized in order to minimize rolling of
the gear box. For this reason stiff mountings are preferred. On the other hand gear boxes generates
noises, caused by the meshing of the gears. These noises have a pronounced tonality and could be
amplified by large surfaces (e.g. tower or blades), [2,4]. Here smooth mounts would be advanta-
geous. Therefore a technical compromise must be found or hydraulic mountings must be assembled,
which show a smooth stiffness for vertical, translational deflections and stiff behaviour for rotations
around the power train, [3] and Figure 2.

d. Generator mountings: A separate generator is typically found in non-direct windmills, whereas in
direct plants the electromagnetic coils are usually fixed directly at the circular nacelle cover. Here
elastic mountings remedy the transfer of loads or deformations into the power train following from
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deformations of the windmill structure (e.g. due to temperature changes). Furthermore elastic con-
nections prevent the transfer of structure borne noise and insulate the generator w.r.t. torsional vi-
brations of the shaft, which result from aero-dynamical excitations or electrical system perturbation.

e. Cooling package mounts: These components are used for a consequent sound optimization. Es-
pecially any periodic movements (here movements of the fan) and eventually resulting vibration
transmission to the structure, which — in turn — may cause sound emission via large surfaces should
be minimized.

f.  Mounts for nacelle cover : In principle, there are two different strategies for decouple structure
borne noise: (i) active vibration insulation, i.e. elastic mounting at the vibration source (exciting com-
ponent), or (ii) passive insulation, i.e. elastic mounting of the units, which have to be protected.
Passive insulation is recommended in case of unknown or multiple vibration sources. The nacelle
cover represents a thin-wall, large surface, which could act as a sound amplifier and transmitter and
— consequently — should be passively insulated.

control unit mounts

gear box mount

Figure 1 : Various rubber-to-metal components within a non-direct windmill.

Please note, the materials behaviour of rubber significantly differs to metals and consequently many engi-
neers feel unsure during designing and calculation of RTMs, especially under the impression of the occur-
ring, considerable loads. For this reason the present article will illustrate, how RTMs are designed by taking
into account questions of required insulation, strengths or sufficient life-time of used materials.

2. Design and Calculation of Rubber-To-Metal Compon  ents

2.1 Fundamentals of Vibrations: Transmissibility, | nsulation and Damping

For simplicity reasons we restrict the following calculations to the one-dimensional auxiliary system, dis-
played in Figure 3 (left). The corresponding Ordinary Differential Equation (ODE) reads:

mi+bx+cx=F, , (y=0) , (damped oscillation with forced excitation). 1)

Here E,, stands for the external force acting at the elastically mounted mass. Furthermore ¢ [N/mm] and b
[Ns/mm] represent the mounting stiffness or the damping constant, respectively. Without loss of generality
we assume a harmonic excitation as follows (F,, x, = F,/c: maximal values = amplitudes):

F(t) = Fycos(2t) , (excitation by force) . (2)

By introducing the following important abbreviations w, = /c/m , (angular velocity); n = Q/w, , (frequency
ratio); and 2D = b/+/mc , (damping coefficient) allows us to modify Eq. (1) as follows:
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connection

Figure 2 : Left: half-shell or layered spring for gear box mountings. Right: Schematic illustration of hy-
draulic torque support with cross-connection of fluid chambers.

¥+ 2DwX + we’x = %cos(.()t) (3)

with the system-specific, damped eigenfrequency f;:

falzﬂ ) wdzwom ) wo=2”fo=\/%- 4)

2T

The solution of this inhomogeneous ODE can be found in standard literature of mechanical engineering,
cf., for example [5,7]. The general solution reads:

x(t) = Xcos(Qt — ¢) with X = VlF—CO =Vix, and tan(¢) = 12_1):2 . (5)

Here x, represents the displacement amplitude resulting from the excitation F,. Furthermore ¢ stands for
the angular phase shift due to damping. The quantity V; denotes the so-called transmissibility, which char-
acterizes the amplitude ratio between reacting amplitude of the system and exciting amplitude, i.e. V; =
X /x,. In particular the following expression holds:

1

V,(D,n) = N (excitation by force) . (6)

For the sake of completeness we also note the transmissibility in case of velocity-dependent displacement
excitation y(t) = y,cos(Qt): V,(D,n) = \/1 + 4D2n2/\/(1 —n2)2+4D%n% =X/y,.
The damping coefficient as well as the damping constant, D or b, respectively must be experimentally

quantified. For this reason dynamical load-unload experiments of mounts are performed, which yield a
hysteresis curve in the load-deflection diagram, see Figure 4. (right).

Please note, the underlying rheological model, cf., Figure 3 (left), represents the so-called Kelvin-Voigt
model with a viscous damping element. For harmonic dynamics follows F = cx + bx with x = Qx or in terms
of stresses o = ¢(1 + Qb /c)e. Moreover, in case of harmonic temporal functions for load and deflection the
hysteresis represents an ellipsis, cf., Figure 4 (left). Here Young's modulus can be expressed as a complex
number, ¢ = (E' +1E"")e = E'[1 + i tan(§)]¢, with the so-called loss angle [rad]: § = E” /E’, [8].

One of the most illustrative quantities for damping denotes the damping factor, ¥ = W /U, which represents
the ratio between dissipated work and work of the corresponding linear-elastic spring, cf., Figure 4 (right).
For elliptic areas holds ¥ = 2rmtan(§). By comparing the coefficients of ¢ in the afore-mentioned expres-
sions for ¢ yields the following relations, [8]:

Qb/c=tan(§) < D==:tan(§) < D=-—. @)

T2 4

Eqg. (7) has important character, since the different relations connect the damping variable D (and conse-
quently b) to experimental quantities W or §, respectively.
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Figure 3 : Schematic illustration of the mounting situation of the calculated generator.

The above framework allows to calculate vibration control components with focus on insulation and damp-
ing demands of the oscillating system. Here insulation describes the system adjustment, for which V; , <1
holds. For the sake of convenience let us consider the un-damped case. Here V;,, only depends on the
frequency ratio n. Combining Eq. (6) with Eq. (4)s and using ¢ = mg/Az yields the excitation frequency as
function of static deflection Az. Figure 5 (right) shows the result in a double logarithmic scale, the so-called
insulation map.

A

force
deflection

Figure 4 : Left: Harmonic, load-unload experiment and illustration of phase shift between force and deflec-
tion due to damping. Right: Elliptic hysteresis and illustration of dissipated work W.

Let us exemplarily turn the attention to the mountings of the generator in a non-direct windmill. Basically
the power train represents a complex oscillating system, consisting of different masses and springs, [9].
An isolated consideration of the generator only holds in a very limited degree.

Due to the different forms of transmissibility V; , it is very important to initially clarify the nature of excitation
(displacement- vs. force-controlled) as well as the target of the calculation (minimization of generator os-
cillations x(t) vs. minimization of oscillation transmission to the flexible basis, i.e. ratio x(t)/y(t)). For the
present example we exemplarily consider force excitations following e. g. from torque variations in the
power train or from shocks (e.g. emergency stops) and ask for minimization of generator movements.

We assume the following technical data during the calculation: m = 15 t (weight of generator), n = 1500
rpm (speed), P = 3 MW (power). Furthermore a 4-point mounting system, a rectangular generator geome-
try, as illustrated in Figure 3 (right), and an ad hoc excitation frequency of f;, = 10 Hz = 600 rpm is consid-
ered. It is worth-mentioning that higher orders of the 3P rotor excitations could coincide with f;, [9]. In such
case, the different masses of the power train, i.e. also the generator mass, start to oscillate according to
the eigenmode.

Let us declare a target insulation value of 60 percent (V; = 0.4). From the insulation map we find a target
static mount deflection of Az = 10mm. Moreover, the resulting weight per mount denotes 3750 kg. Conse-
quently we obtain a target mount stiffness of 3750 N/mm. Figure 5 (right) illustrates the corresponding
transmissibility. Please note, beyond stationary excitation of 600 rpm transient situations occur, i.e. run-
ning-up process or emergency stop, which may cause resonance cases. In order to avoid large deflections
in such events, mounts with increased damping properties could be useful. Figure 5 (left) illustrates the
reduced deflections during resonance, in which the following typical values were used for the loss angle:
6NR = 30 - 50 and 8high—damp = 150 - 200.
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Figure 5: Left: transmissibility of generator mounts for different rubber compounds. Right: Insulation map
for graphical determination of target mount stiffness (by means of deflection and defined mass).

2.2 Strength calculation of rubber

Rubber materials show a very good elastic behaviour and — additionally — inherent damping due to internal
friction. With rubber failure strains, &, up to 650 percent can be reached. However, comparing to steel the
tensile strength and shear modulus, R,, and G, is much less, e.g. for natural rubber NR: R, = 20 MPa and
G = 1 MPa. Furthermore rubber is nearly incompressible, i.e. v = 0.5 (Poisson’s ratio). Please note, at
RTM parts the rubber is chemically bonded to the metal via bonding agents. Here, during deformation, the
rubber have to spread via free surfaces due to its incompressibility. If there is no free surface, the rubber
would not be deformable, consequently the ratio between bonded and free surface, represented by the
form factor g, have a crucial influence on the stiffness of the RTM part.

2.2.1 Stiffness

In contrast to the material specific shear modulus and due to above mentioned existence of bonded sur-
faces Young’'s modulus, E, is strongly affected by the geometry of the RTM part. For illustrative reasons
we consider in the following explanations the simple geometry of circular mounts, cf., Figure 6. This exam-
ple can also be used to calculate layered springs, cf., Figure 2 (left) or, with some limitations, bushings. For
complex geometries a Finite Element Analysis (FEA) must be performed, cf., Section 2.2.2.

Circular mount Example
O‘ 7
1
IF .
af | P!
| '
) 4
(Compression) (Shear) = —

Figure 6 : Circular mount and recommended nominal strain for compression and shear.
The compression stiffness correspondingly to Figure 6 can be calculated by:

k.=%L with o.=Ee=% | e= A=Zq?, (8)
N A 4

N
Z )
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Here E, stands for the (compressive) Young's modulus and A for the cross sectional area perpendicular to
the acting force F. For the stiffness finally follows:

d?E,
ke =" ©)
Here Young’'s modulus can be approximated by means of the form factor g as follows, [10]:
E.=3G(1+q+q?) with gq="4/-4 (10)

ndh 4h

The shear modulus can be empirically related to the Shore-A hardness, H = 35 ... 75 Sh-A, of rubber, [10]:
G = 0.086 - 1.045" . (11)

Although rubber has a small shear modulus it is possible to considerably increase Young's modulus by
means of geometry optimization, cf., Figure 7 (left).
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Figure 7 : Left: Young’s modulus as function of geometry, diagram borrowed from [10]. Right: FEA of the
static load and the resulting stress profile within the rubber shape.

Shear loading and resulting deformations, cf. illustration in Figure 6 (right), can be investigated in a similar
manner. For stiffness and shear stresses hold:

ke =

F
N

and 7 =Gtan(y) = % . (12)

For small angular deflections Eq. (12)1 and (12)2 can be simplified to:

k=" . (13)

4h

Shearing represents a volume-preserving deformation. Consequently effects from rubber incompressibility
do not occur. Thus influences from geometry, represented by g, cannot be found in Eq. (13).

In many (more complex) geometries, e.g. conical mounts, shear and compressive loads occur parallel.
Moreover, the above mathematical framework becomes much more complex. In such cases FEAs must
be performed, which also allow to incorporate more complex materials behaviour, e.g. visco-elasticity.
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2.2.1 Strength

After the quantification of stiffness the question about the maximal permitted deformation, &,,,,, of the RTM
part occurs. Here the following thumb rule, which — surprisingly — holds for a wide range of geometries and
dynamic applications, can be used, [11]:

Compression:  &,omina < 10 ... 15 percent,
Shear: &,omina < 40 percent.

By using this rule it is possible to approximately apply 1 Mio loading cycles to the RTM components. Re-
ducing &,ominal PY factor 2 would increase possible loading cycles by factor 10 (€.9. €,om, shear = 20 percent
= 10 Mio loading cycles), et cetera. However, this thumb rule only holds for natural rubber with “moderate”
ShA hardness and without any defects in the rubber-metal bonding layer.

Of course, uniaxial loading regimes are a hypothetical scenario. For many applications axial, lateral, tor-
sional and cardanic loads occur, which can vary over time by amplitude and frequency. Such combined
loads as well as complex geometries cannot be calculated by analytic thumb rules. Here FEAs are required,
which allow — by means of appropriate materials law, e.g. Mooney-Rivlin or Neo-Hookean approach — to
calculate stresses and strains within the rubber for different loading conditions.

Figure 7 (right) displays the FEA result for the rubber layers of a generator mount with the above mentioned
target stiffness. Here we assumed the values presented at the end of Section 2.2 and write for the loads
per mount:

3 (9.81532-15,000 kg)

E, = — = 37 KN (load resulting from mass),
(14)
M=2=—2" __ 19Nm (torque).

w - 271,500 rpm

Due to the 4-point mounting system and a lateral mount distance of 2000mm we obtain (with an assumed
safety factor of s = 2) an additional dynamic load of 10 KN per mount. Consequently we have to consider
for the vertical total loading per mount F,., = 47 KN.

A closer look at principle stresses allows us to evaluate mechanical durability. In particular a maximal
tension stress value of max{o;, 0,, 05} < +4 MPa (max. principle value of Cauchy stresses) has established
as an appropriate limit, which shows good agreement with experimental observations.

Beyond the investigation of loadings additional conditions have to be considered. There is a wide range of
rubber compounds, natural and synthetic ones, available, which show different resistance during contact
with environmental media. For example, possible interactions between rubber and ozone, mineral oils, salt
water or cleaning agents have to be clarified. Furthermore peak and permanent temperature are important
for choosing appropriate rubber compound. Finally, materials behavior like relaxation, creeping or heat
expansion must be eventually quantified since these properties are stronger pronounced at rubber than for
standard metals.

2.3 Fatigue Life of Rubber

In the following explanations we restrict ourselves to the question of rubber life-time due to oscillating loads.
Aspects of rubber aging (following e. g. from chemical reactions between the rubber polymer network and
environmental media, e. g. ozone) will not be considered; here we refer for example to [12].

In general rubber has a finite fatigue life — in particular under the presence of varying loads. The amount
of possible loading cycles mainly depends on (a) the loading amplitude, (b) the characteristics of loading
variation (swelling or oscillating loads) and (c) applied static preloads (mean loads). One possibility to
quantify the amount of loading cycles under the presence of an existing, well-defined loading regime rep-
resents the Method of Woehler diagrams in combination with an appropriate damage accumulation theory
(e. g. PalImgreen-Miner approach, [18]). This method is well-known from metals but shows in case of rubber
various disadvantages. On the one hand side such diagrams must be experimental determined for each
component design, which is a very time- and cost-intensive procedure. On the other hand — and this fact
is more critical from the technical point-of-view — the approach cannot sufficiently consider different preload
scenarios in a common diagram. Therefore so-called Smith-Haigh (S-M) diagrams are used in recent liter-
ature, e. g. [18,19], to investigate questions of rubber life-time. This method allows to investigate the above
mentioned dependencies (a) - (c). Moreover, the S-M diagrams are material-specific, i.e. they can be ap-
plied to different geometries, which contain same (or similar) rubber compound, e.g. NR with 50 Sh-A.
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In order to quantify the above dependencies we introduce the following relations:

R = Omin , &= (9max—0min) g = (Omax*0min) ] (15)

Omax 2 2

It follows R = 0 for swelling loads and R < 0 for oscillating loads. Furthermore & represents the oscillating
amplitude and & stands for the mean load.

It is worth-mentioning, that Eq. (15) only contains scalar quantities. However, realistic loading regimes
would lead to a three-dimensional stress state within the rubber layer of the mountings. Consequently the
question about an equivalent stress value occurs, which could reflect the 3D situation in an realistic manner.
This question is an ongoing area of research and it seems that the appropriate equivalent stress depends
on rubber geometry and loading case. Here we want to consider the maximum principal value of Cauchy
Stress (as above), which is often used for investigations of rubber. By means of the loading scenario in Eq.
(14) we obtain from the FEA: 6 = 1.21 MPa and § = 0.7 MPa.

o & = (omax — Omin)/2
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Figure 8: Left: lllustration of quantities in Eq. 15. Right: Smith-Haigh diagram for 50-NR rubber, borrowed
from literature, cf., [19], and identification of the permitted loading cycles.

These values can be identified in the Smith-Haigh diagram as illustrated in Figure 8 (right). Obviously the
line R = 0 defines, whether preloads have an advantageous or disadvantageous influence to the fatigue
life. In the current case the expected life-time denotes more than 1-106 loading cycles.

3. Experimental tests of rubber components and moun ting systems as
part of an efficient development process

Because of the distinct nonlinear behavior of rubber materials, experimental investigations according to the
rubber components itself as well as to the conditions while operating are still an important part of the de-
velopment process of rubber components. Experimental investigations of the component yield necessary
informations about the static and dynamic behavior of the component for different multi-physical loading
cases whereas investigations of the overall system provide informations about the excitation, the dynamics
and various interactions of adjoining structures and the resulting insulation rates. These informations are
used for parameterization and validation of numerical simulation models, which are used during the design
process as well as for validation of the overall insulation system.

3.1 Experimental analysis of rubber components

The analysis of stiffness and damping ratio is surely a widely-used experimental method of rubber compo-
nents. Although it seems common, the execution as well as the interpretation of the results have to be
carefully performed by the test field engineer. Moreover, the test procedure and the required experimental
equipment have to be accurately chosen. Please note, the materials properties of rubber are highly non-
linear, change over time and depend on the loading history. Consequently constant values e. g. for stiffness
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and damping ratio do not exist. Therefore all measurements represent a “snap-shot” and only allow for
evaluations within a certain range.

Stiffness parameters can be determined for static and dynamic loadings, with and without preloads, for
uniaxial or biaxial loads as well as for different ambient temperatures. Differences between these different
scenarios can be significant. The static stiffness of rubber components is typically measured by hydraulic
test rigs with single or multi-axis. To avoid parasitic errors the stiffness of the frame and load cell must be
considerably higher w.r.t. the component stiffness. Moreover, for dynamic measurements any mechanical
resonance cases of the frame and the sensing system must be outside of the investigated frequency range.

Dynamic stiffness and damping parameters are determined for different mono-frequent deflection ampli-
tudes and varying frequencies. The resulting curves for stiffness and damping are functions of frequency,
deformation amplitude, static preloads (in same or different directions) and sometimes even temperature.
The interpretation can be done using FFT-methods as well as methods, which analyze the measured force-
deflection hysteresis, cf. Section 2.1. The different approaches are defined in [13] and implemented in most
modern test rigs for rubber components. However, FFT-methods are limited for linear systems and — con-
sequently - the results of both methods significantly differ for rubber components with a pronounced non-
linear behavior (for example for rubber with a high amount of filling materials, e.g. carbon black particles).
Figure 9 (Left) shows the dynamic behavior of a generator mount with constant preload and varying de-
flection amplitudes. Here natural rubber were used with small amount of filler. Figure 9 (Right) displays the
static deflection in vertical direction.
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Figure 9: Left: dynamic behaviour of a heavy duty engine mount. Right: “quasi-static” deflection.

For amplitudes of 0.1 to 1.0 mm different curves of the dynamic stiffness occur whereas with increasing
deflection amplitude the stiffness decreases. This phenomenon represents the so called “Payne-effect”,
which was investigated first by the British rubber scientist A. R. Payne. Physically, the Payne effect can be
attributed to deformation-induced changes in the material's microstructure, [14]. On the other hand the
dynamic stiffness increases over frequency, whereas the loss angle - in contrast to viscous damping ele-
ments - is approximately constant.

Results of the above mentioned analysis are used to parameterize simulation models and analytical design
methods which are widely used for the design of insulation systems. Such methods yield reliable results in
a frequency range up to approximately 100 Hz.

To investigate the acoustic behavior of elastic, rubber-based components other analysis methods must be
applied. Here the Transmission Loss (TL) and the Insertion Loss (IL) are two physical values, which de-
scribe the acoustic behavior of isolators. Typically they are used to characterize rubber components in a
frequency range of 0.1 kHz to 2 kHz. The transmission loss is often measured on special NVH test rigs for
rubber specimen and smaller components, which use electro-dynamic shakers to realize high excitation
frequencies of up to 2 kHz. The measurement of the insertion loss is typically performed in field in order to
compare different isolators. For the calculation of TL and IL the isolator can be described by a mechanical
four pole, [15]:

Fi]_ 2] _ %11 Q2] Fz]
Vl] =4 vz] - [a21 azz] vyl (16)

The transmission loss can then be calculated in two ways, first (see Eq. 16) as TL of the velocities on the
excitation side (index 1) and isolation side (index 2)

v F;
TL, = = =az + aui =0y, +ay1Z; (17)

v2
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and, second, as TL of the affecting forces at both sides
F.
TLF:F_::a11+a12];~_j:a22+aZ_122' (18)

The transmission loss of rubber components can be analyzed by measuring the accelerations or forces
directly at the isolator joints. The insertion loss IL is defined by:

! ! ! !
B _ V2 _ 0321103121254 0151a112 (19)

[
F, v, Ap2Z2+0a21Z1Zy+aq12+a11Z,

IL =

Both values, TL and IL, depend on the dynamic behavior of the adjoining structures. These dynamics can
be described by the mechanical impedance Z = S Obviously TLr and TL, only depend on the impedance

Z, of the isolation side, whereas the insertion loss IL also depends on the source impedance Z,. Therefore
a comparison of different components only holds for analyses with identical adjoining structures.

If the different impedances are known, the quantities TL and IL could be expressed in an analytical way.
Figure 10 (left, solid line) illustrates simulation results of the transmission loss for a typical single mass
spring damper system with ideal spring and without mass and geometry effects.

80

transmission loss (TL) F2/F1 [dB]

-20

ideal spring
— — — spring with mass effects

-40 :
10" 102 10°
frequency [Hz]

Figure 10: Left: Transmission loss of a single mass spring damper system excited by force (simulation).
Right: on-site measurements of generator mountings.

The dashed line shows the simulation of a mass effected spring. For frequencies up to ca. 100 Hz mass
effects from the inner spring can be neglected. For higher frequencies these effects lead to a sequential
decline of the transmission loss, which are most distinctive for rubber mounts with intermediate layers.

3.2 Experimental analysis of operation conditions

In addition to the experimental analysis of rubber components in laboratory on-site measurements of the
overall vibration system under typical operation conditions (or with synthetic excitation) are very useful to
benchmark the mounting system. Such analyses would provide a detailed understanding of sources and
consequences of operational vibrations.

Methods for such on-site investigations are: (i) measurement of the IL of mounting systems (see above),
(ii) analysis of vibration velocities specified in DIN ISO 10816, cf. [16], (iii) order analysis of rotary machin-
eries done for different operation scenarios like run ups and run downs, (iv) Wavelet-analysis performed
for steady state operation as well as for transient scenarios like machinery shut downs, (v) analysis of
operational deflection shapes in order to obtain informations about system- and structure reactions for
different load cases and (vi) operational or experimental modal analyses to identify natural frequencies and
—modes of the dynamic system [17].

Figure 11 shows test results of an order analysis for a 4.5 MW power unit (PU) mounted with heavy duty
generator mounts (see Figure 10, right). Such PU is typically used for stationary power generation and
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differ from the aggregates used in wind energy turbines. However, the results allows to exemplarily illus-
trate, which information can be obtained from the vibration system. The PU consists of a synchronous
generator with five terminal pairs, which is powered by a nine-cylinder diesel engine. Both units are coupled
by a flexible clutch and mounted on a base frame. Figure 10 (lower panel) illustrates the physical structure
of the PU.

dominant engine order

_natural frequency of a
. flexible body mode

A
j steady state operation V

B s S S b ol

o
S n
2 0
o
o
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o
o>
=]
C 8
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frame

———

physical structure of the tested power unit

Figure 11: Campbell-plot: acceleration levels for PU — break down. Left: mount engine side — vertical
direction. Right: mount, generator side — vertical direction.

From the Campbell-plots in Figure 11 one can see: (a) the first order excited by unbalanced masses; (b)
the third order excited by forces of the combustion process of the engine and (c) the 10th order coming
from forces due to nonlinearities of the magnetic field of the generator. Furthermore you can find the fre-
quency range, in which the rigid body modes of the PU are located. From the engineering point-of-view the
best mounting system design is obtained, if the frequencies of the rigid body modes are located below the
frequency range of steady state operation and doesn’t overlap with it. Thus, good insulation of the adjoining
structures as well as low amplitudes at the oscillator side can be achieved.

Conclusion

In the present contribution different aspects of rubber-based elastic mounts were illustrated. Such mounts
are widely used in windmills in order to decouple structure born noise, to insulate sensible components
w.r.t. shocks or to minimize constraint forces in the power train.

After a brief introduction into the necessity of different mountings along the power train we turned the
attention to the stepwise development process of RTM parts. Various aspects of vibration dynamics, rub-
ber strength calculations and fatigue life estimations were explained. For this reason a conical mount
geometry, which is typically found for mounting windmill generators, were used and exemplarily calcu-
lated. The article ends with a brief illustration of experimental methods in order to investigate and evaluate
mounting systems in the real vibration system with adjoining structures.

The article provides a guideline, that could help design engineers during the development process of
rubber based components taking into account questions of insulation, damping, rubber strength and fa-
tigue life.
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